Measured velocity distribution of air approaching evaporator of a rooftop AC unit. Optimized evaporator tube connection sequence using evolutionary algorithms. Built prototype of optimized evaporator and tested in laboratory experiment. Optimized design resulted in improved capacity and COP. a r t i c l e i n f o 
Introduction
Finned-tube heat exchangers are the predominant type of heat exchangers used in comfort cooling applications. They consist of a bundle of several dozen connected tubes and the performance of the heat exchanger as a whole is the aggregate performance of every tube in the bundle. The heat transfer performance of each individual tube is influenced by many parameters including the tube and fin geometries; the refrigerant temperature, mass flux and local quality; and the local air velocity, temperature and humidity. The local air velocity is one of the most important parameters because it dictates the amount of air that is available for heat exchange and influences the local air-side heat transfer coefficient. To this end, the distribution of the air incident on the heat exchanger has a profound impact on its overall performance, since it characterizes the velocity of air at each tube location in the bundle.
There has been long standing interest in airflow distributions through finned-tube heat exchangers. The first documented study was that of [6] ; which examined small heat exchangers used in room air conditioners. His study showed that typical units often have quite large velocity variations and that the impact on performance is significant [2] later showed similar results and went on to demonstrate as much as a 30% variation in capacity for a given evaporator when subject to different airflow distributions [10] demonstrated that airflow non-uniformity can impose a significant reduction in heat exchanger capacity, as much as 30% in the extreme cases, which agrees with the earlier work by Chwalowski et al. More recently, [8, 9] ; conducted numerical studies of air maldistribution in finned-tube evaporators for a nominal 8.8 kW residential air-conditioning system and showed that the coefficient of performance (COP) decreased as much as 43% for the worst case of non-uniform airflow.
Along the way, several researchers began to shift their focus away from trying to achieve uniform airflow so that the heat exchangers work well to designing heat exchangers that will perform well with the expected nonuniform airflow. In order to consider this option, one must first be able to determine the in-situ airflow distribution with a high degree of confidence. For this reason [13, 15] , used PIV and CFD to measure and model, respectively, the distribution of air passing through finned-tube heat exchangers.
The other part of designing a highly efficient heat exchanger is to route the refrigerant in such a way that it most effectively exchanges heat with the air. Recently, some sophisticated approaches have been developed that employ genetic algorithm (GA) based optimization methods to design the optimal refrigerant circuitry for the actual airflow distribution seen by the heat exchangers. One tool that uses this method is the Intelligent System for Heat Exchanger Design (ISHED) [4] . Several studies from this group have demonstrated that designing the optimal refrigerant circuitry for the actual airflow distribution can result in significant improvements in capacity and COP while simultaneously reducing the size, cost, and amount refrigerant charge [11, 12] built a similar type of GA module based on a heat exchanger simulation model by Ref. [7] . Their optimization module was used to determine refrigerant circuitries that minimized the material cost and maximized the heat transfer capacity. The objective of the present study is to experimentally demonstrate the system performance improvement achieved by optimizing the evaporator's refrigerant circuitry for the in-situ air velocity distribution.
Experimental setup

Rooftop air-conditioning unit
The system examined in this study is a small commercial 7.5 Ton (26.4 kW) air-to-air, R410A Rooftop Unit (RTU). It has two separate refrigerant loops for operation under part load or full load conditions. Each stage has its own compressor, condenser and expansion valve. The unit has a single evaporator slab that is shared by the two stages with each stage utilizing half of the available heat transfer area. A cutaway schematic of the unit is shown in Fig. 1 . The unit is sectioned into three compartments; the middle evaporator compartment is the focus of this study; it is where the air is conditioned and blown into the discharge compartment and ultimately into the building. Fig. 2 shows a side view of the middle compartment. The building air enters this compartment through an intake port (not shown) located at the bottom right in the figure, then passes through a set of air filters and the evaporator. After the evaporator, the air enters a blower which circulates it through the unit.
The evaporator slab is made up of 144 tubes located in four depth rows with louvered fins. The tubes have an outside diameter of 9.52 mm and are spaced 25.4 mm apart along the height of the heat exchanger. The depth rows were layered in a staggered configuration and are spaced 22 mm apart. The overall dimensions of the evaporator are 914 mm tall, 864 mm wide, and 101.6 mm thick. The total heat transfer area provided by the evaporator is divided amongst the two stages of the system. In total the evaporator has 16 refrigerant circuits with 8 circuits used by each stage; each circuit consists of either 8 or 10 tubes.
Instrumentation
Fig . 3 shows a schematic of the test apparatus with the position of the points along the two refrigerant loops where the refrigerant temperature and pressure were measured (A, B, and C). The stage 1 loop is described by the refrigerant vapor exiting the stage 1 compressor at point 1A, and then condensed into a liquid in the stage 1 condenser. The liquid refrigerant exiting the stage 1 condenser flows through a coriolis mass flow meter and then onto point 1B, just before entering the enclosure for the RTU. Once inside, it is flashed by passing through the stage 1 TXV. After expansion, the refrigerant is distributed amongst 8 different circuits in the evaporator, which exit the evaporator through a header tube at point 1C, and then continue out of the enclosure and back to the stage 1 compressor. The stage 2 loop is schematically identical to the stage 1 loop, and the measurement positions are likewise labeled 2A-2C. The condensers used in this test setup were watercooled brazed-plate heat exchangers, instead of the original finnedtube air-to-refrigerant condensers, because this study focused on the evaporator and this allowed testing the unit with a single environmental chamber.
The refrigerant pressure was measured using pressure transducers with a 0e3447 kPa range and uncertainty of ±0.13% full scale at 95% confidence. The refrigerant temperature was measured using T-type thermocouples probes immersed in the flow, calibrated to 0.15 K at 95% confidence. We also measured the refrigerant temperature at several of the heat exchanger return bends using thermocouples adhered to the outside of the select tubes. The refrigerant mass flow rate for each refrigerant loop was measured using coriolis mass flow meters calibrated to ±1% at 95% confidence. Using these instruments, the cooling capacity of the heat exchanger could be readily calculated using the difference between the refrigerant liquid line and vapor line enthalpies and the refrigerant mass flow rate. The electrical power input to the blower and each compressor was measured using three separate power analyzers calibrated to ±0.25% at 95% confidence. Using these instruments, the uncertainty associated with the cooling capacity and COP was always lower than 1.1%; a full analysis of the uncertainty is described in Ref. [17] .
System tests with original evaporator
Performance tests
A series of tests were performed to characterize the performance of the unit operating with the original evaporator in a large environmental chamber that has a capacity of 35 kW (120 000 Btu/ h) and dry-bulb and RH control better than ±1 C (2 F) and ±2%, respectively. The unit was tested with the air conditions specified in AHRI Standard 340/360-2007 [1] , 26.7 C (80 F) dry bulb and 19.4 C (67 F) wet bulb delivered to the unit at a rate of 1.42 m 3 s
À1
(3000 CFM). The air temperature and humidity were monitored at the intake to the unit as shown in Fig. 4 , and the air leaving the unit was ducted through a flow measurement section to measure the exit conditions and flow rate. The RTU manufacturer assisted with this project by providing their test data for this unit, and that data served as a basis for the RTU setup and operation during this study. Since the original air-torefrigerant condensers were replaced with water-cooled, brazedplate heat exchangers, the unit was charged with refrigerant such that the liquid line temperature and pressure matched the manufacturer's test data, which allowed the RTU's evaporator portion to operate as it would in a typical installation.
During our tests the capacity measured by the air enthalpy method was typically 2 %e3 % lower than the capacity measured by the refrigerant enthalpy. The main contribution for this difference is conduction of heat through the enclosure walls. This effect was significant because insulation was removed from the RTU's enclosure in order to outfit it with the acrylic panels and provide visual access inside during operation. The air infiltration into the negative pressure compartment of the enclosure was another significant factor to this difference. For this reason it was determined that the refrigerant side capacity measurements would provide a better basis for this work than the air-side capacity measurements, which are required by the standard test method, since it is a direct measurement of the evaporator's performance.
A total of eight individual measurements of the system's capacity were recorded over a two week period. The average capacity measured during these tests was (26.42 ± 0.29) kW, which is within 1.8% of the value from the manufacturer's certification data of 26.85 kW. A more detailed description of the experiments discussed here can be found in Ref. [17] .
Airflow distribution measurements
The airflow distribution at the evaporator inlet was measured while operating the unit under performance test conditions. We chose to use PIV to collect the air velocity data; however CFD or other models could provide this information at a much lower cost, once suitable models are available. In order to ensure that the heat exchanger was operating in a steady manner with an adequate level of condensate on the outside surface, the unit was operated continuously for a minimum of 30 min before collecting each set of airflow distribution data. Air velocity data was collected at six different lateral positions along the surface of the heat exchanger using the technique and equipment described in [16] . The positions that were queried are indicated in Fig. 5 .
The velocity distribution data sets were compiled for each of the 6 lateral positions, and it was assembled into the flow map shown in Fig. 6 . This figure was constructed by linearly interpolating between the data collected at each of the adjacent data sets. This flow map shows several patterns that are a result of the features within the RTU enclosure; for example, the airflow near the bottom of the heat exchanger (vertical distance > 800 mm) is significantly impeded by the condensate collection pan located there and it is also impeded near the lateral midline of the map by the mounting bracket for the unit's air filter located upstream of the heat exchanger. Overall, the measurements showed that the air velocities passing through the heat exchanger during normal operation varied by a factor of 6 (0.5 m s À1 to 3.0 m s À1 ) depending on location.
Once the flow map was complete, data was extracted from it to approximate the air distribution with a one-dimensional velocity profile required as input for the heat exchanger simulation model used in this study. This was done by integrating the magnitude of velocity in the horizontal direction. The velocity map was numerically integrated resulting in the pattern shown in Fig. 7 . It is realized that an analysis based on the 2-D velocity profile could provide some additional performance improvement beyond a 1-D analysis; however, this was the limit of the simulation tool available at the time of this study.
Evaporator circuitry optimization
Modeling and simulating performance of the original evaporator
The computational portion of this study was performed using the EVAP-COND package [4] , a public domain software package developed by the National Institute of Standards and Technology (NIST). The program is a first-principles based simulation tool that calculates the performance of finned-tube, air-to-refrigerant heat exchangers on a tube-by-tube basis. The first step of this phase was to prepare a model of the evaporator with this software, including the original refrigerant circuitry, as shown below in Fig. 8 . In this figure, the refrigerant inlet tubes are shown as thick-walled red After preparing the model, the operating conditions as measured during the laboratory tests were input to the simulation model along with the 1-D airflow distribution shown in Fig. 7 . The model was tuned to exactly match the laboratory measurements using by adjusting the correction factor multipliers for the refrigerant heat transfer coefficient, refrigerant pressure drop, and airside heat transfer coefficient.
The original evaporator design consists of 16 circuits, and each circuit is comprised of either 8 or 10 tubes to preserve the hairpin pattern. It is obvious that the 10-tube circuits would impart more pressure drop on the refrigerant flowing through them than the 8-tube circuits, if all other factors were equal. However, since the pressure drop through each circuit must be equal, the 8-tube circuits will generally receive a higher mass flow rate of refrigerant than the 10-tube circuits. It is important to know that the distribution of the airflow also affects the refrigerant distribution because it influences the heat transfer rate on the local level. As the refrigerant absorbs heat it changes phase from liquid to vapor and accelerates due to the change in density; the resulting higher velocity also increases the frictional pressure drop.
All of the 10-tube circuits of the original evaporator had superheated refrigerant at their exit because the length of these circuits would cause refrigerant to be preferentially routed through the 8-tube circuits and because they have 25% more heat transfer area than the 8-tube circuits. Three of the 8-tube circuits also resulted in a refrigerant exit condition of superheated vapor while the other five did not. The 8-tube circuits that resulted in a superheated exit condition were concentrated in locations that received more airflow than the other 8-tube circuits.
Optimization runs
Once the heat exchanger model was tuned to the test results, it was used for optimizing the refrigerant circuitry using the Intelligent System for Heat Exchanger (ISHED) module. ISHED is an evolutionary algorithm-based optimization module [14] that maximizes the heat exchanger capacity by searching for the optimal refrigerant circuitry. While the optimization method is quite complex, ISHED is bundled with Versions 3.0 and higher of EVAP-COND and is therefore free for public use. Based on the principles of evolution, ISHED operates on one set or 'generation' of refrigerant circuitries at a time, and forms subsequent solution generations based on the simulation results. Table 1 shows the parameters used as input to control each optimization run, as guided by Ref. [5] .
The evaporator optimization runs were performed with conditions of imposed inlet quality of 22.4% and refrigerant saturation temperature of 11.7 C and superheat of 4 K at the evaporator exit, which were obtained from the performance data with the original evaporator. The immediate measure of evaporator improvement due to optimized refrigerant circuitry is the increase of evaporator capacity over that of the original evaporator capacity at this particular operating regime. The increase in capacity is associated with the same increase in refrigerant mass flow rate since the specific change of enthalpy in the evaporator is constant during optimization runs. It should be noted that the improvement of capacity of the actual system is expected to be somewhat smaller than that obtained from evaporator simulations because the compressor will not be able to provide an increase in refrigerant mass flow rate; this results in an increase evaporator saturation temperature and some improvement of the system COP. In total, seven optimization runs were performed and the best performing design from those runs was selected for further examination. The best optimized design contained several complex return bend configurations which would be extremely difficult or impossible to manufacture. For this reason it was manually altered to clean up the circuitry while preserving the characteristics of the optimized design, a process described in Ref. [5] . Fig. 9 shows the final optimized design, which achieved a capacity 7.9% higher than the original design. This design includes 2 more refrigerant circuits than the original design (18 vs. 16), with each of the circuits using 8 tubes and providing a similar amount of heat transfer and pressure drop. Because of the way that this design balances the pressure drop and the mass flow rate per circuit, it will impart a smaller pressure drop onto the refrigerant than the original design at the same total mass flow rate.
System tests with optimized evaporator
System setup and test results
The RTU manufacturer built a prototype of the evaporator with the optimized circuitry. Fig. 10 shows side views of both the original and optimized evaporators.
The optimized evaporator was installed in the RTU, and nine independent measurements of the system performance were acquired over a two week period. The average value from these nine tests shows a total capacity of (27.01 ± 0.25) kW and a system COP of 3.88 ± 0.04.
Discussion of measured performance improvement
The system capacity with the optimized evaporator was 2.2 ± 1.5% greater than the capacity with the original evaporator. The upper limit of the 95% confidence interval for the system capacity with the original evaporator is marginally lower than the lower limit of the 95% confidence interval for the system capacity with the optimized evaporator. However, it should be noted that the 2.2% capacity increase is in line with the improvement prediction by the analytical method in Refs. [3] ; which estimates a 2.9% system capacity increase if the evaporator capacity were increased by 7.9%. The COP of the system with the optimized evaporator is 3.88 ± 0.04, which represents 2.9 ± 1.5% increase in efficiency over the system with the original evaporator.
Considering that the measured capacity and COP improvements are relatively small and are burdened with measurement uncertainty, it is prudent to examine other measurements that may corroborate the measured improved performance. In this respect, the most important single measurements is the evaporator exit saturation temperature, which was significantly higher in each stage during the tests with the optimized evaporator than with the original evaporator. The exit saturation temperature for Stage 1 was (11.5 ± 0.1) C under the test conditions with the original evaporator, and the optimized evaporator circuitry raised it to (12.4 ± 0.1) C; an increase of (0.9 ± 0.1) K. Similarly, the exit saturation temperature for Stage 2 was raised from (11.4 ± 0.1) C to (12.1 ± 0.1) C with the optimized evaporator, an increase of (0.7 ± 0.1) K. This increase in evaporating temperature realized in each stage is quite significant compared to the limits of the 95% confidence intervals and indicates a real benefit resulting from the optimized circuitry.
This increase in evaporation temperature comes from two aspects of the optimized design. First, this design provides a better match between the air and refrigerant temperature profiles; therefore, the overall temperature difference between the air and refrigerant is reduced. Since the inlet air temperature is constant, the smaller temperature difference results in an increased R410A saturation temperature inside the evaporator. Second, since the optimized evaporator consists of the same amount of heat transfer area as the original evaporator, but uses 18 circuits instead of 16, the refrigerant mass flux (and therefore pressure drop) will be lower. This results in a smaller drop in saturation temperature as the refrigerant passes through the heat exchanger.
Conclusions
This study demonstrates the benefits of optimizing the refrigerant circuitry on an air-to-refrigerant finned-tube evaporator in a 7.5 Ton R410A RTU. The RTU used in this study was a commercial unit, which included an evaporator that the manufacturer had designed and optimized using conventional methods. The measured improvement of performance was a 2.2% capacity and 2.9% COP increase over the manufacturer's original optimized design.
The concept illustrated in this study depends on measurements of evaporator air distribution for input to the refrigerant circuitry optimization module. Detailed measurements using PIV constituted a substantial experimental effort; therefore the practicality of the presented concept relies on the ability of determining accurate representations of the air velocity profile using simpler methods. For this reason further research efforts should focus on development methods and tools for determining air velocity profiles for typical installation configurations and on improving CFD tools for application in these configurations.
